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In the field of mechanical engineering, addressing challenges related to energy 
efficiency, raw material consumption, and environmental impact has become 
increasingly critical. Industries are constantly pushed to develop innovative 
products and optimize existing ones to comply with strict regulations gov-
erning power consumption and emissions. The rise of electrified engines, 
hybrid solutions, and alternative fuel concepts, such as hydrogen or e-fuels, 
further underscores the need for advancements in drivetrain components. 
These components play a vital role in transmitting the power generated by 
an engine to the road surface. While current designs achieve conversion rates 
of up to 97–99.5 percent of mechanical input power to usable output power, 
there is still significant potential for further improving the efficiency of gear-
boxes (Ref. 1). Enhancing gearbox efficiency not only reduces heat dissipation 
for a given power output but also enables the design of more compact cool-
ing components. Optimizing lubrication flow in gearboxes can also minimize 
the amount of oil required to reduce friction between gears and dissipate heat 
from drivetrain components. With the advent of water-based lubricants, the 
innovation process also takes place on the material side. However, it is crucial 
to address emerging losses that become more pronounced at higher rotational 
speeds and lower loads, which are typical conditions for automotive transmis-
sions operating at their top gear ratio (Ref. 2).

By gaining a comprehensive understanding of and effectively controlling 
the lubrication flow within transmissions, significant advancements can be 
made toward achieving more efficient and environmentally friendly gear-
boxes. This paper aims to investigate the mechanisms and origins of hydraulic 
losses in bevel-geared gearboxes, with the ultimate goal of identifying oppor-
tunities for constructive measures to optimize losses and increase overall 
efficiency. Through the utilization of the Smoothed Particle Hydrodynamics 
(SPH) method, this study provides a reliable and efficient tool for accurately 
analyzing fluid patterns and deriving hydraulic power losses within an accept-
able industrial time frame of two days. The findings not only contribute to the 
understanding of loss sources and their physical origins but also highlight the 
potential of the SPH method for lubrication simulations and power loss opti-
mization. Ultimately, the insights gained from this research will pave the way 
for reduced product development cycles and foster the use of efficient lubrica-
tion strategies in gearboxes.
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Power losses within a gearbox are classified according 
to their component or origin, that is gears PLG, bearings 
PLB, seals, PLS, and other parts or auxiliary components, 
PLX, like clutches and electric pumps. Losses of the indi-
vidual components are further divided into load-depen-
dent, index L, and load-independent losses, sometimes 
referred to as spin or no-load losses, index 0. Following 
the notation of Niemann and Winter (Ref. 3), the power 
losses may be written as:

P P P P P P PL LG LG LB LB LS LX= + + + + + :0 0

(1)

Load-dependent losses are typically determined by 
standards or in-house or commercial gearing pre-design 
tools. On the contrary, accurate prediction of load-inde-
pendent losses requires an accurate prediction of the 
interaction between lubricant and fluid which is a pri-
ori unknown as all components interact with the lubri-
cant in a coupled manner. The load-independent losses 
are grouped by their physical origin. Churning, index C, 
arises due to the parts moving the inertia of the oil by 
pressure and viscous forces acting from the fluid towards 
the wheel. Squeezing, index S, covers losses that are gen-
erated by the rapid volume changes in the periodically 
opening and closing meshing zone. Windage, index W, 
covers losses due to air resistance. This yields the gen-
eral formulation of load-independent losses in a passive 
lubricated gearbox:

P P P PL C S W= + + :0

(2)

It has been commonly observed that losses due to 
air resistance are negligible for circumferential speeds 
below approximately 20 m/s (Refs. 4, 5). This paper only 
covers losses due to the fluid’s resistance to the gears 
and the bearing, ignoring the air’s presence. This loss 
share covers the previously described churning and 
squeezing effects and will be addressed as hydraulic 
losses in this paper.

Although experimental research on the topic of gear 
power losses has been conducted since mid of the 20th 
century (Ref. 6) and extensive studies have been made 
in the following decades (Refs. 7, 8), no general con-
cept has been developed to accurately determine power 
losses for all components in a transmission. The diffi-
culty stems from the fact that the fluid flow within gear-
boxes is inherently complex. This is caused by the com-
plexly shaped bodies churning through the lubricant-air 
mixture. The fluid phenomena for bevel gears are inher-
ently more dynamic than cylindrical gears due to their 
exposed three-dimensional shape and mounting posi-
tion. Only a little research on bevel gear churning losses 
has been conducted. Experimental studies on single 
rotating bevel gears made by Laruelle et al. (Ref. 4) pro-
pose a formulation for the churning torque over filling 
height, gear radius, and rotational speed for different 

fluid regimes. Quiban et al. (Ref. 9) updated these for-
mulations and highlighted the phenomena of decreas-
ing churning torques for dynamically varying filling 
heights. A broad range of tests for different hypoid gears, 
rotational speed, oils, attitudes, and single and meshing 
gears have been conducted by Jeon (Ref. 10). This study 
provides quantitative measurements for a specific gear-
box. Therefore, his findings cannot be applied to arbi-
trary bevel-geared transmissions. 

With the advent of high-performance computing and 
the progress of computational fluid dynamic (CFD) 
methods, simulations of the motion of the fluid within 
a gearbox became feasible (Refs. 11, 12). Subsequently, 
it was demonstrated that CFD is capable of accurately 
reproducing the fluid dynamics observed in experi-
ments (Ref. 13). The investigations of the last decades 
are based on traditional CFD approaches that uti-
lize a grid-based Eulerian technique. These methods 
are established but have to cope with major difficul-
ties: With increasing complexity, that is more mov-
ing geometries, narrow gaps, and large geometry cur-
vature, generating a sophisticated computational grid 
becomes difficult (Refs. 14, 15). Tracking the complex 
phase interface between air and oil requires a suffi-
ciently fine mesh and the transient deformation of the 
domain with its moving parts requires adapting the 
grid over time. These demands raise the computational 
effort drastically. A variety of mesh and geometry han-
dling techniques are employed to cope with this mat-
ter. A summary is given in Concli and Gorla (Ref. 16) 
and Concli et al. (Ref. 15). However, these methods have 
been proven to reliably predict churning losses in gears 
(Refs. 12, 13, 15). A sophisticated overview of state-of-
the-art CFD research in numerical drivetrain lubrication 
applications is given in Maccioni and Concli (Ref. 17). It 
is carved out that individual methods exist to address 
hydraulic losses in bearings, gearsets, or pumps indi-
vidually with more than 80 percent agreement between 
simulation and experiment. However, most of those 
papers focus solely on one of those mechanical compo-
nents per simulation. Considering grid-based methods, 
e.g., Peng et al. (Ref. 18) presented qualitative results of 
an automotive rear axle gearbox with rotating bearings 
and validated their method with experimental values in 
a specialized test rig considering gears only. Oil, oper-
ating conditions, and filling heights are comparable to 
this paper. The simulation domain was separated into 
individual mesh zones, where motions were applied by 
user-defined functions. No detailed assessment of the 
bearing-induced churning losses is presented. 

Smoothed Particle Hydrodynamics (SPH) is a 
Lagrangian CFD technique that has lower demands on 
geometry quality, thus decreasing simulation preparation 
time drastically. Mathematically, this approach renders a 
moving and deforming grid method where the collocation 
points are commonly called particles. Since neighboring 
relationships are updated after advecting the particles no 
computational grid is required. Here, particles of distinct 
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fluid types represent individual phases and the unique 
particle type implicitly reconstructs the phase interface. 
Apart from the native handling of free surface flows, SPH 
has also proven to provide computational advantages for 
drivetrain simulations. Keller et al. (Ref. 19), as well as 
Maier et al. (Ref. 20), conducted SPH simulations 20–25 
times faster than a Eulerian simulation of the same prob-
lem. These aspects indicate the significant potential of the 
SPH method in the field of transmission CFD. Being mesh-
free, it simplifies the time-consuming geometry prepara-
tion and the simulation itself, by making typical procedures 
such as remeshing or gear-scaling obsolete. Although over-
all fluid flow was reproduced accurately (Refs. 21–24) this 
method has not yet been proven to replicate the measured 
churning losses for various cases with an accuracy of over 80 
percent (Refs. 17, 22). The main reason lies in under-resolv-
ing pressure gradients in the contacting areas and veloc-
ity gradients in churning regions. Multiple approaches with 
artificially increased fluid-wall friction are employed to cal-
ibrate results closer to the experimentally expected values. 
Contrary to the previous papers, the utilized SPH solver 
comes with the following differences:
• It imposes the boundary-particle interaction 

by considering the shape of the boundary, i.e., 
evaluating the boundary integral of the particle’s 
kernel with the solid wall to ensure consistency of 
the kernel integration scheme. This is not ensured by 
employing dummy boundary particles or polygonal 
wall-distance-force functions (Refs. 25, 26) are used 
to describe the interaction of the fluid with the wall, 
which will inevitably lead to substantial spatial 
resolution dependencies.

• Using multiple particle resolutions per simulation to 
improve resolving the pressure gradients and fluid 
boundary layers.

• No usage of artificially increased forces between 
fluid-wall and fluid-fluid interaction to calibrate 
results to experimental data.

Moving particle semi-implicit (MPS) characterizes 
another Lagrangian CFD method. Both MPS and SPH 
are very similar in their numerical approach as shown 
in Soute-Iglesias et al. (Ref. 27). Again, multiple stud-
ies report accurate prediction of visual oil distribution 
within gearboxes (Ref. 25, 28). The churning loss deter-
mined by applying the MPS method on a high-speed rail-
way system is qualitatively investigated in a similar study 
conducted by Deng et al. (Ref. 29) as well as in Shao et al. 
(Ref. 26). A similar qualitative study is presented in Singh 
et al. (Ref. 24). The results presented are derived from an 
implicit MPS solver that allows for theoretically larger 
time steps than the explicit SPH solver in this paper. 
However, implicit solvers have the disadvantage of solv-
ing the pressure Poisson equation by a computationally 
costly matrix inversion. Additionally, presented hydrau-
lic losses for bearings were reported to be negligible low, 
i.e. one to two orders of magnitude smaller than the gear-
induced hydraulic losses. 

This paper outlines a methodology for investigating 
churning losses of gears and bearings simultaneously in 
an industrial gearbox by bridging the fluid scale differ-
ences with particle-refinement techniques in SPH and 
subsystem investigations of the bearings. A special focus 
is set on the importance of replicating the roller bear-
ing’s motion correctly instead of a simple rigid rotation. 
The method is applied as a parameter study considering 
rotational speed, turning direction, and filling height to 
highlight the benefits of cloud-native high-performance 
computing for virtually replicating experimental test 
rigs to derive a reliable system response within a few 
days without building a prototype.

Numerical Approach

SPH Kernel Interpolation
Fundamental to the SPH method is the spatially dis-
crete representation of a continuum with so-called 
particles. These collocation points, which move along 
their trajectories, inherit the physical properties of 
the continuum.

A weighted interpolation, i.e., the kernel function w, 
at these points, is used to determine its properties based 
on its distance from adjacent particles and their physi-
cal quantities z. As the interpolation radius may extend 
beyond the presence of fluid, e.g., at walls, a renormaliza-
tion factor c is introduced to account for the missing con-
tent and ensure at least zeroth order consistency (Ref. 30). 
The described interpolation reads:

x
x

w x x x dV1
p

p
pz

c
z= -^ ^ ^ ]h h h g#

x w x x dVp pc = -^ ^h h#
(3)

Figure 1—3D visualization of the SPH interpolation within the fluid 
(right) and with domain boundary contribution (left).
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Navier Stokes Equations in a Weakly 
Compressible Formulatio
Liquids are considered incompressible if the density 
remains constant. This is true for fluid speeds signifi-
cantly below the material’s speed of sound or if pressures 
are not extreme. In the current work, a weakly compress-
ible modeling approach is utilized allowing for small den-
sity changes, i.e., less than one percent. An equation of 
state links the pressure directly to the density change.

The mathematical basis of fluid dynamics is derived 
using this preposition. Incompressibility is considered 
for the derivation of the momentum equation. Contrarily, 
the continuity equation is solved in its compressible form 
to account for the change in the density. Here, the equa-
tion of state proposed by Cole (Ref. 32, 33) is used. This 
yields the governing equations for weakly compressible 
SPH in the Lagrangian formulation:

dt
dx v=

dt
d

v:d
t

t=-

dt
dv p v v g1 1 T: 7 7d d d dt t n=- + + +^ ^ ] g hh

p
c

p1
0 0
2

0c
t

t
t= - +

c

0c m
(5)

with the position of the particles x, velocity v, time t, den-
sity t, pressure p, dynamic viscosity n, gravity g, back-
ground pressure p0, artificial speed of sound c0, reference 
density t0 and exponent c, which is chosen as 7.0 for liq-
uids like oil (Ref. 33) and 1.4 for gases like air (Refs. 34, 
35). It should be noted that the artificial speed of sound is 
a numerical trick to enlarge the time step, i.e., fast com-
putation times, while receiving physically sound results.

Equation 5 is discretized using the SPH formalism. 
The temporal derivates are discretized using a modified 
Runge-Kutta 4 (Ref. 37) scheme, separating the acous-
tic and advective time steps to allow for faster compu-
tation (Ref. 38). To improve numerical stability and the 
quality of the pressure field, an additional diffusive term 
is added to the continuity equation (Ref. 39). To ensure 

a regular particle distribution while avoiding unintended 
particle clumping, a particle shifting technique is applied 
(Ref. 40). This improves the interpolation quality of the 
scheme (Ref. 41) while maintaining the overall volume of 
simulated fluid. The utilized method is inspired by Ref. 42 
and 43. In this work, no turbulence model is utilized.

Wall Boundary Conditions
For the wall boundary conditions, there are two major 
approaches to representation:
• The boundaries are thickened with so-called dummy 

particles, that can be included in the regular particle 
interaction (Ref. 32).

• Integral boundary conditions use a segment-based 
mesh representation of shapes (Ref. 44).

In Sabrowski et al. (Ref. 35], the different boundary con-
dition approaches are discussed specifically for gearbox 
applications. This work uses a segment-based mesh rep-
resentation to treat boundary conditions. This approach 
was chosen as it allows for a very accurate and native rep-
resentation of computer-aided design (CAD) geometries 
in the SPH method and ensures to account for the bound-
ary contribution of the SPH interpolation.

Particle Refinement Techniques
One of the five grand challenges of SPH is adaptivity 
(Ref. 45), which is generally the usage of multiple parti-
cle sizes within one simulation. The ideal particle-based 
solver adapts the particle size so that the numerical res-
olution is fine enough in areas of interest to resolve 
desired flow phenomena while being computationally 
fast and without introducing numerical errors. Having 
particles of different sizes interact in a naïve manner 
with one-another does immediately violate the condi-
tions, such as:
• Larger particles would have larger kernel sizes, thus, 

considering smaller particles for the interpolation that do 
not see the larger particles. This would violate Newton’s 
third law, i.e., reaction would not equal action,

• Compensating for this caveat by enlarging the 
kernel radii for smaller particles would lead to a 
significantly increase in particle neighbor count, thus, 
computational performance would decrease.

Here, the Wendland kernel of the fifth order is used as a weighting function. Using the derivative of the kernel, the 
SPH formalism allows for an approximation of spatial derivatives, which is crucial for solving partial differential equa-
tions numerically. The concept is illustrated in Figure 1. Specific care has to be taken for the consideration of boundary 
handling. Consider the lower green particle at position xp then, with its kernel function w, the kernel interpolation of a 
derivative for arbitrary quantity z will have a volume integral contribution (∫ … dV)and a boundary integral contribu-
tion (∫… dB). The first comes from within the fluid, i.e., the contribution from the surrounding particles and the latter 
stems from the kernel overlapping with the wall. Here n is the inward-pointing surface normal. To ease readability, the 
renormalization term is ignored. Integration by parts yields (Ref. 31):

x w x x x dV w x x x n x dBp p pd dz z z= - - -^ ^ ] ^ ] ]h h g h g g# #
(4)
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Multiple ideas exist like an adaptive particle splitting 
technique into multiples of their previous size based 
on certain pre-defined flow conditions. Similarly, these 
particles are merged, or de-refined. If the algorithm 
avoids the issues mentioned above, one idea can be 
to merge particles of versatile sizes as pairs or small 
groups. As pointed out by Chiron et al. (Ref. 46), this 
process can become computationally costly and faces 
difficulties when the coalescence rate differs from 
the refinement rate since particles may be merged as 
pairs but created as eightfold, twenty-sevenfold etc. An 
additional challenge is introduced as the de-refining 
step has been shown to react sensitively to non-regular 
fields (Ref. 45).

Another idea consists of small layers that coexist on top 
of the coarse domain to avoid overlapping of the kernels 
(Ref. 35). Here, the large, further denoted as coarse, par-
ticles enter the region of interest and, in the buffer layer 
of the fine particles, are split into finer particles. Fluid 
properties are interpolated into this layer by SPH formal-
ism from active to passive particles ensuring information 
coupling of fine and coarse regions. Afterwards, the flow 
equations are solved on the fine particles and coarse par-
ticles are passively advected. Once the fine particles leave 
the buffer zone, the flow equations are solved by the re-
activated coarse particles and the fine ones are deleted. 
This ensures mass conservation for the coarse layer. The 
process is schematically shown in Figure 2 and will be 
used in this paper.

Hydraulic Loss Evaluation Method
The calculation of churning losses is executed using pres-
sure Fpi and viscous forces Fvi acting on the i-th rotating 
boundary triangle with area Ai and normal vector ni as:

F p A npi i i i=

F x
v A nvi

i
i i2

2
n= b l

(6)

The specific torque around the rotational axis of each 
component j can be calculated as:

T r F Fj ii pi vi#= +^ h/
(7)

Figure 2—Particle refinement method with the multi-layer approach 
in 2D. Coarse particles are split into four fine particles in a buffer 
zone. The fine particles are active in the refinement zone.

with the lever ri. However, a more general approach is 
exploited to calculate the local power Pi by its definition 
as force F acting on a segment scalar product with the 
segment velocity vi:

P v F F P Pi i pi vi pi vi:= + = +^ h
(8)

Integrating over the whole component leads to the cor-
responding overall power losses by means of viscous Pvi 

and pressure Ppi:

P P Pj pi vi

i

= +^ h/
(9)

which will be used to evaluate the power loss distribution 
for each component. Equation 8 circumvents the neces-
sity to individually account for the torque of one roller 
bearing rotating around its axis and the axis of the shaft. 
This formulation is universally applicable.

Tapered Roller Bearing Kinematics
The kinematics calculation of the gears is done by apply-
ing an ideal gearing ratio and requires no further expla-
nation. The bearing’s motion is assumed to be slip and 
deformation free, thus, modelled by ideal kinematic slip 
conditions at the contacting surfaces. The equations 
must be derived in the form of two motions:
• The rigid rotation of the cage and rollers around the 

axis of the inner ring—~cage

• The rotation of each roller around its axis which is 
moved by the cage’s motion—~roller

Since the motion of an axial, ball and cylindrical bear-
ing represents a special case for a bearing with a roller 
that moves with tilted roller axes, a general set of motions 
is derived based on Figure 3.

The bearing moves slip free around the inner and outer 
race, thus, any set of points for a representative roller 
diameter suffices to derive the kinematic relationship. 
Without loss of generality, consider the three marked 
points (  ,  , ). At the outer race ( ), the circumferential 
velocity of the outer race must equal the superposition of 
the roller velocity added to the cage velocity. At the inner 
race ( ), the circumferential velocity of the inner race must 

Figure 3—Schematic tapered roller bearing kinematic description.
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equal the superposition of the roller velocity subtracted 
from the cage velocity. Velocities are written in terms of 
rotational speed and effective diameter that yield:

 v d d d
2 2 2out out
out

cage
out

roller
roller~ ~ ~= = +

(10)

 v d d d
2 2 2in in

in
cage

in
roller

roller~ ~ ~= = -
(11)

Substituting din = dpitch-cos a droller and dout = dpitch+cos a 
droller with a being the angle between the inner race axis 
and roller axis eventually leads to:

cos cosd
d

d
d

2
1 1 1cage in

pitch

roller
out

pitch

roller~ ~ a ~ a= - + +c cm m; E
(12)

cosd
d

d
d

2
1

roller out in
roller

pitch

pitch

roller 2~ ~ ~ a= - -] cg m
(13)

Experimental Setup
The torque test bench Kegelradprüfstand (KRPS) at Dresden 
University of Technology (TUD) is used for this study. It con-
sists of two slave and two test gearboxes of similar charac-
teristics shown in Figure 4. Test gearbox 2 is investigated in 
detail. The load torque is applied on the pinion side, torque 
is measured with an HBM torque transducer of type T40B on 
the shaft of the pinion and as well as the wheel.

The temperature was measured at the bottom of the oil 
reservoir. A temperature of 60 ± 2°C was ensured through-
out all torque experiments. For the experiments, the oil 
Mobilube HD 80W-90 was used. The oil properties at the 
respective investigation temperatures are given in Table 1.

Figure 4—Bevel gear torque test bench (KRPS) at Dresden University 
of Technology.

Table 1—Oil properties of Mobilube HD 80W-90 for the investigated 
operating conditions.

Temperature (°C) Density (kg/m3) Kin. Viscosity (cSt)

26 894 310

60 875 53

The test gearbox comprises a bevel gear stage with a 
gear ratio of 3.08. The pinion shaft is supported by two 
roller tapered bearings in the X-mounting position, the 
wheel is supported by two smaller tapered bearings in the 
O-mounting position and an additional cylindrical roller 
bearing. The digital model (Figure 5) does not include an 
active lubrication system in between the pinion bearings 
and the meshing zone as well as the pumping system and 
pipes at the bottom of the reservoir. This system cannot 
be removed nor switched off. Previous studies at the test 
rig have shown that the lubrication effect of the injection 
system is negligible. It is not clear if this holds for power 
losses as well. The uncertainty consequences are dis-
cussed at a later occasion.

The average torque loss was measured for rotational 
speeds from 1,200 to 1,800 rpm, filling heights of 10, 45, 
and 85 mm below the centerlines and both turning direc-
tions. The gearbox of dimension 700 x 500 x 500 mm con-
tains around 16 L oil at the highest filling level. The rota-
tional speed was increased stepwise; this increase was 
followed by a stepwise decreasing measurement resulting 
in two torque readings that cover 15 seconds of measure-
ment time each. The load-dependent, injection-induced 
and sealing losses were subtracted by employing one 
minimum lubricated test run for both turning direction. 
The introduced uncertainty is discussed at a later occa-
sion. The gears are engaged in driving mode for all oper-
ating conditions. For all tests, a constant load of 1 kNm 
had to be applied on the pinion side to avoid damage to 
the slave gearboxes due to gear hammering. The follow-
ing tests have been conducted for both turning direc-
tions, which is inwards (IN) if oil is immediately dragged 
into the meshing zone and outwards (OUT) otherwise. 
The gear characteristics are given in Table 2.

Figure 5—Geometry model of the test gearbox. Neither injection nor 
pumping system are included.
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Numerical Setup
For a visual comparison, the cold start situation (26°C 
and 600 rpm) was captured by removing the top lid of 
the housing. The amount of aeration has been visu-
ally verified to be small after the test run. Visual vali-
dation of the oil distribution has been conducted by 
Ref. 36. For the following section, bearing DIN 720-
32221 is addressed as the larger pinion bearing 1 (P1), 
bearing DIN 720-32020 is addressed as pinion bearing 
2 (P2), bearing DIN 5412 NU 2217 E as wheel bearing 
1 and both bearings DIN 720-31314 together as wheel 
bearing 2 and 3. Only the last two are provided with a 
cage geometry.

The simulations are executed as follows: Spatial parti-
cle refinement zones are located around the gears, bear-
ings and the pinion’s shaft between the supporting bear-
ings as visualized in Figure 6.

Figure 6—Initial discretization and geometry setup for nominal filling 
height of -10 mm below gear axes. Dark blue areas represent coarse 
particles (1.4 mm), light blue refined particles (0.7 mm). Transparent 
blue shapes indicate the refinement zones.

Both gears, shafts, and contacting roller bearings with 
cages linearly accelerate to full speed at 0.1 seconds and 
hold the terminal velocity for 0.4 seconds. The ramp-up 
is chosen to allow for faster quasi-stationary convergence. 
Starting with the terminal velocity introduces a shock sim-
ilar to a splashing event into the simulation system whose 
effects take longer to decay. The movements of the bear-
ings and cages follow the ideal kinematic contacting con-
ditions. The simulation finishes at 0.5 seconds. The churn-
ing loss results are averaged over the last rotation of the 
wheel. The simulated hydraulic loss signal over time for a 
full system rotation of 1,600 rpm for the outward turning 
direction is shown in Figure 7. All simulations were con-
ducted in parallel on the cloud-native simulation platform 
Dive Solutions on CPU AMD EPYC 7V73X within 29- and 
40-hour simulation time with the solver Dive SPH 3.4.1 
with varying particle counts of 7 to 8.5 million. 

The study Ref. 36 investigated the gear interaction space 
without bearings and found negligible loss differences for spa-
tial resolutions smaller than 1.5 mm. To allow for a numerical 
discretization through the pinion and wheel shrouding gaps, 
a minimum global particle size of 1.4 mm must be chosen, 
which fulfils the particle size requirements of the study men-
tioned above. However, the previous study did not investigate 
the resolution sensitivity of hydraulic losses for the bearings 
or the shafts. Compared to the data presented in the study 
(Ref. 36) and this study the following differences are present:
• Postprocessing routine:

 - The newly utilized postprocessor reconstructs the 
exact forces present on the walls to accelerate the fluid.

 - The old, utilized postprocessor extrapolated the 
fluid-induced forces of interest from the fluid data 
onto the walls.

• Solver modelling:
 - A new particle-shifting technique has been used in 

this study.
• Spatial discretization:

 - Full system simulations were done with a 1 mm 
particle size in the previous study.

The consequences of these changes are manifold and 
cannot be summarized with a clear trend.

Figure 7—Viscous Pv (yellow) and pressure Pp (blue) induced 
hydraulic losses for the full system’s OUT case without bearing 
subsystems at 1,600 rpm. Overall hydraulic losses are averaged over 
one full rotation of the wheel.

Table 2—Bevel gear pair characteristics.

Parameter Pinion Wheel

Outside diameter d0 (mm) 87.52 236.97

Mean pitch diameter dp  (mm) 66.96 206.46

Mean normal module mmn (mm) 4.57 4.57

Number of teeth Z 12 37

Tooth width b (mm) 30 30

Tooth height h (mm) 10.28 10.28

Mean pitch angle d (°) 17.97 72.03

Mean spiral angle bm (°) 108.53 108.53

Generated normal pressure angle 
on drive side anD (°)

19.79 19.79

Spiral hand Right Left
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The study Ref. 36 pointed out that the churning loss 
contribution from the tapered roller bearings in the pin-
ion becomes substantial and needs to be captured. To 
keep the simulation effort low, the following method 
was employed: Based on the fluid distribution at the last 
output, the flow field around each bearing’s proximity is 
extracted and further refined. This subsystem is investi-
gated in a separate simulation until the results reach a 
stable value. The process is elucidated in Figure 8, where 
the fluid distribution’s contour around the large roller 
bearing of the pinion is extracted and yields as a fluid fill-
ing for a subsystem simulation. To ensure mass conserva-
tion between the old and new system, the fluid contour 
is slightly thickened. The validity of this process is based 
on the assumption that a) the influence of the subsys-
tem’s axial boundaries is negligible and b) the loss signal 
becomes quasi-stationary before a significant amount of 
flow is moved axially through the bearing. Fixing the par-
ticle size globally at 0.25 mm for all bearing simulations 
lead to optimized runtimes of 0.5–4 hour per subsystem 
simulation for setups with 2 to 14 million particles allow-
ing to complete all simulations within two days. 

Starting the subsystems simulation from the derived 
fluid distribution at terminal speed induces a shock at the 
beginning of the simulation that quickly decays as shown 
in Figure 9 for the pinion’s bearing 1 in the OUT case at 
1,200 rpm. The pressure loss signal quickly starts to oscil-
late after the rollers covered one-sixth of the pinion shaft 
circumference at 12 milliseconds. 

A side note on the observed oscillation frequency: it is 
fixed at around 120 Hz for this subsystem simulation. It 
does not seem to be related to the roller rotational speed 
around their axes (65 Hz) the roller frequency around the 
pinion (8.5 Hz), or the pinion’s rotational speed (20 Hz). 
Similar effects were observed for the other bearing subsys-
tems at 1,200 rpm and 1,600 rpm but not for 1,800 rpm at 
the given output frequency. The amplitude of this oscilla-
tion is relatively lower for the wheel’s bearings compared 
to the pinion’s bearings and is only visible at higher 
speeds. Lowering the oil level increases the amplitudes 
at a given rpm. The analysis of their origin is left for fur-
ther research.

All consecutively shown data are combined results of 
the full system’s pinion and wheel hydraulic losses and 
bearing subsystem analyses if not stated otherwise.

Results

Bearing Investigation
Modelling the ideal kinematics of bearings becomes chal-
lenging for grid-based methods to avoid degeneration of 
mesh cells and, thus, time convergence challenges. Even par-
ticle-based methods have lower geometry quality demands, 
so they are simulated with a simplified motion i.e., as a solid 
body rotating with the average of the relative rotational 
speed difference between the input and output shaft. The 
difference in terms of wetting and loss distribution of both 
approaches are investigated on the example of the pinions’ 
bearings 1. To avoid the influence of surrounding geome-
tries, both simulations were executed as a subsystem simu-
lation from the fluid field of the 1,600 rpm-OUT case.

Time-averaged data is summarized in Table 3. Despite 
being less wetted, the ideal kinematics come with 67 per-
cent higher hydraulic losses than the case with simplified 
kinematics. The reason for this difference is found in the 
negligible share of viscous losses for rollers under these 
kinematic conditions.

Figure 8—Visualization of the subsystem derivation step from a full system simulation (left) to a detailed system simulation of pinion bearing 1 
(center) to all four subsystems (right).

Figure 9—Viscous Pv (yellow) and pressure Pp (blue) induced 
hydraulic losses for rollers in the subsystem of pinion bearing 1 in the 
OUT case at 1,200 rpm. Overall hydraulic losses are averaged over 60 
percent of the simulation length.
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Considering the surface wetting distribution, pressure, 
and viscous hydraulic losses, in Figure 10, the shaded 
contours in the left column indicate a more wetted at the 
contacting zone at the outer race than on the inner race 
for both cases due to the general pumping behavior of 
a tapered roller bearing. The exact roller motion trans-
ports oil from the outer to the inner race and reduces the 
oil distribution shift. In contrast, the shift is more prom-
inent for the simplified motion implying less oil on the 
inner race than on the outer race. Still, pressure-induced 
losses are of similar magnitude for the simplified motion 
despite having more oil at the outer race and a numeri-
cally higher velocity. For the ideal rolling motion a higher 
pressure is being built up by dragging the fluid on the 
surface into the contacting zone which counteracts the 
motion overall motion of all rollers. Since velocity equi-
librium is enforced on the inner race, the same effect 
happens there but the pressure force acts beneficially in 
the direction of the overall roller’s motion. In the sim-
plified case, less fluid reaches the contacting area at the 
inner race. Combining this fact with lower speed leads to 
lower simulated pressured-induced losses.

While pressure-induced forces stem from a normal 
force counteracting the motion of the body, viscous-
induced forces stem from forces acting tangentially 
against the direction of motion of the body. Keeping this 
in mind, fluid shear rates must be large in the contacting 
areas when the flow is dragged from the area of high vol-
ume into the area of low volume, thus, must escape else-
wise. However, power losses are only produced in areas of 
high velocity due to the definition of power times veloc-
ity. At the outer race, the low velocity magnitude renders 
viscous induced power loss small but makes them sub-
stantially larger at the inner race for the correct bear-
ing motion. For the simplified kinematics, the squeezing 
effect into the contacting zone is not captured, thus, vis-
cous losses are negligible in case. At the inner race, the 
small amount of oil that reaches the contacting zone cre-
ates large friction on the shaft as this has a larger circum-
ferential speed than the rollers.

An overview of viscous and pressured-induced loss 
changes from the full to the subsystem analysis is given in 
Figure 11 with the two largest bearing contributions, pinion 
bearing 1 (P1) and pinion bearing 2 (P2) and the loss change 
from the full system to the subsystem simulation. The 

change from 0.7 mm particle size resolution to 0.25 mm 
particle size becomes more prominent for larger rotational 
speeds indicating that larger speeds come with both higher 
velocity and pressure gradients. For an under-resolved sim-
ulation, i.e., velocity gradients are not captured at all, halv-
ing the particle size would lead to doubling the viscous loss 
share due to better resolution of the boundary layer. Here, 
the largest difference (1,800 rpm, OUT case, P1) is 2.5, which 
is lower than the particle size ratio of 2.8. Additionally, the 
wetting increased from 9 to 10 percent. Thus, boundary lay-
ers are partially resolved. The change in pressure can go 
both ways: for lower rpm, the pressure share on total losses 
reduces from coarse to fine resolution as particles are less as 
less geometrical squeezing appears. At higher rpm, resolv-
ing the physical squeezing in more detail reproduces the 
correct pressure gradients. Thus, ensuring convergence for 
both loss shares is paramount to determining convergence. 
More critically, under-resolving can lead to wrong trends as 
seen for the pinion bearing 2 trends from 1,600 to 1,800 rpm. 
The pressure share was not resolved at all. Thus 0.7 mm 
particle size is not sufficient to resolve pressure gradients 
in between the smaller rollers. Increasing the resolution 
did capture some pressure gradients and increased wetting 
by about five percent. A finer resolution is advised for 
future studies. 

Figure 11—Viscous Pv (yellow) and pressure Pp (blue) induced 
churning losses by pinion bearing 1 (P1) and pinion bearing 2 (P2) in 
coarse (0.7 mm, left) and refined (0.25 mm, right) resolution over rpm. 
OUT (left chart) and IN (right chart) case are shown.

Table 3—Instantaneous wetting and hydraulic power loss share 
comparison of pinion bearing 1 subsystem simulation at 1,600 rpm in 
the OUT case for ideal and simplified kinematics.

Component Ideal kinematics Simplified 
kinematics

Instantaneous wetting 
(%)

10 ± 0.2 14 ± 1

Pressure power losses (W) 41 ± 19 46 ± 2

Viscous power losses (W) 36 ± 2 0 ± 1

Total power losses (W) 77 ± 19 46 ± 3

Figure 10—Comparison of the exact bearing kinematics (top) and a 
rigid rotation with half the shaft’s velocity (bottom) in the subsystem 
simulation of pinion bearing 1 at 1,600 rpm, OUT, for velocity (left) 
with wetting- (shaded), pressure- (center) and viscous- (right) 
induced losses.
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The subsystem simulation reveals that pinion bearing 
2 is virtually unaffected by the turning direction. The 
measured amount of oil within the bearing is equal for 
all subsystems. Contrary, pinion bearing 1 churning 
losses are constantly more than 10 percent larger for the 
IN direction, more specifically, due to more than 15 per-
cent larger viscous losses. This correlates with a more 
wetted area for the inward direction for all speeds for 
the direction of the inward as listed in Table 4. It is 
noticeable that a relative increase in wetting leads to a 
lower relative increase in viscous churning losses. Since 
the high viscous power loss zone—contacting zone of 
the roller at the inner race—is already filled, the addi-
tional wetted area is in regions of lower velocity gradi-
ents. A detailed investigation of the loss mechanism is 
given in the next investigation.

Influence of Turning Direction
Turning direction is considered to have a substantial 
impact on hydraulic gearing losses. This effect is com-
monly known to be related to oil squeezing for high oil lev-
els, specifically if an oversupply of oil is dragged into the 
gear meshing zone as could be expected for the IN case. 

The simulations of both turning directions at 1,600 rpm 
input speed capture this trend as well—overall hydraulic 
losses are over 20 percent larger when oil is dragged into 
the meshing zone compared to out of the meshing zone. 
The same ratio was found in the experimental inves-
tigation. From Table 5, it is deducted that wheel bear-
ing 2 and 3 as well as pinion bearing 2 are located away 
from the gear interaction zone, thus, losses are virtually 
unaffected by a change in turning direction. Although 
located in the gear interaction region, the cylindrical 
roller bearing on the wheel does not show a change in 
churning losses. Thus, the dynamic oil level change in 
the proximity of this bearing is not affected by the turn-
ing direction in this speed range. All components men-
tioned above are rotationally symmetric. Only asym-
metrical flow towards the bearings due to asymmetrical 
geometrical changes close to these regions can cause 
noticeable differences in churning losses. Since pin-
ion bearing 1, pinion and wheel interact with the fluid 
nearby, all differences are found for those three com-
ponents. More specifically, all three components have 
larger losses in the IN case, with a 10 percent increase 
for the wheel, a 15 percent increase for the pinion bear-
ing 1 and a 43 percent increase for the pinion. 

Table 4—Instantaneous wetting of pinion bearing 1 over rpm and 
turning direction.

Instantaneous wetting %

Rotational speed 
pinion (rpm) OUT IN

1200 11 ± 0.3 15 ± 0.8

1600 10 ± 0.2 13 ± 0.8

1800 10 ± 0.2 13 ± 0.8

The surface churning loss distributions for the gears 
are displayed in Figure 12. The wheel’s loss contribution 
in the submerged section is more present for the OUT 
case than the IN case due to the beneficial teeth shape 
that guides oil with the wheel’s motion. This oil is quickly 
thrown off the wheel towards the housing and a smaller 
share of the airborne oil falls or impinges at the housing 
close to the engagement zone. For the pinion, the same 
mechanisms apply with even less oil being guided back to 
the engagement zone due to the box-shaped housing.

On the contrary, the IN-case oil is piled up in the 
engagement zone due to the wheel pushing a substan-
tial amount into this corner of the box (i, Figure 13). The 
difference in both clips represents over 75 percent more 
mass for the inward case in the region of interest. This 
excess oil is squeezed out of the engagement zone with 
the spin direction of the wheel into the pinion bearing 
1. This explains why more oil reaches pinion bearing 1 
in the IN direction than the OUT direction. Effectively, 
this effect also prevents oil from in between the pinion 

Figure 12—Churning loss distribution over the gears for 1,600 
rpm at the input shaft in the OUT case (left) and IN case (right). 
Instantaneous wetting is indicated as shaded area. Zoom on the 
meshing zone on top.

Table 5—Component-wise load-independent power losses for the IN 
and OUT case at 1600 rpm pinion rotational speed.

Component IN power 
losses (W)

OUT power 
losses (W)

Tapered bearings 
DIN 720-31314 (2x)

6 ± 0.2 6 ± 0.3

Cylindrical roller bearing 
D5412 NU 2217 E

6 ± 0.3 6 ± 0.3

Tapered bearing 
DIN 720-32020

32 ± 5 32 ± 5

Tapered bearing 
DIN 720-32221

89 ± 21 77 ± 19

Wheel 74 ± 12 67 ± 3 

Pinion 115 ± 20 80 ± 5

Pressure power losses 149 ± 30 135 ± 20

Viscous power losses 173 ± 10 132 ± 4

Total power losses 322 ± 32 267 ± 20
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bearings to be pumped out leading to larger viscous losses 
around the large pinion shoulder (right, Figure 12). This 
effect comes also with larger viscous losses at the inner 
race, being part of the pinion (zoom, right, Figure 12). 
The oil is pumped out of the bearing at larger rotational 
angles (ii, Figure 13). Lastly, most of the oil is picked up 
again by the wheel and pushed to the opposite side of the 
housing (iii, Figure 13). 

For the OUT case, oil that spun off the wheel, partially 
dripped back from the housing on the wheel and dragged 
into the engagement zone (1, Figure 13). There, it is axi-
ally squeezed towards the wheel shaft (3, Figure 13) lead-
ing to lower hydraulic losses due to the squeezing in this 
turning direction. As there is no large-scale flow created 
by the gears into the pinion bearing 1, less oil is pumped 
out of the bearing (2, Figure 13). 

The main source—more than 50 percent of the 
increase—for additional losses in the direction of the 
inward stems from the pinion that a) has additional pres-
sure contributions due to pushing more oil with the tooth 
flanks and b) larger viscous contributions due to more 
wetted area in between the pinion bearings and on the 
inner race of pinion 1.

The difference measurement for the experiment gave 
510 W for the OUT and 610 W for the IN case as hydraulic 
losses of the system. Thus, the relative increase of 20 per-
cent from outward to inward direction is replicated, how-
ever, the quantitative agreement is at 52 and 54 percent 
for the OUT and IN cases respectively. 

Influence of Filling Height
Lowering the filling height is undoubtedly a simple mea-
sure to lower the hydraulic losses since gears are less sub-
merged in oil. Table 6 summarizes the outcomes for an oil 
level immediately underneath the pinions’ teeth. Simu-
lated churning losses dropped by 27 percent, mainly due 
to a decrease in viscous loss contribution. Specifically, 
pinion churning losses plummet to 47 or 53 percent for 
the OUT and IN cases respectively. Considering the loss 
mechanism discovered in the previous section, those will 
be less present in cases where a) the pinion does not sub-
merge in oil and b) fewer wheel teeth are immersed in the 

Figure 13—Clip of the axial velocity distribution in the gear 
engagement zone for 1,600 rpm at the input shaft in the OUT case 
(left) and IN case (right) with highlighted hydraulic loss mechanisms 
and viscous-loss distribution of pinion bearing 1.

oil so less oil is dragged out from the reservoir. The splash 
pattern is still similar to the nominal filling height except 
for a lower oil column next to the engagement zone for 
the IN case at a lower oil level (Figure 15).

The simulation detects no change in hydraulic losses for 
the pinion bearing 2 in the subsystem simulation. Indeed, 
although the simulated masses for the pinion bearing 2 
subsystems are 27 percent lower for the lowered level, the 
losses of the rollers show no change. The origin of this 
outcome is not clear as the rollers are indeed better wet-
ted for the nominal filling height than for the lowered fill-
ing height, which is mainly found to be true for the front 
and back faces. As the main loss mechanism in the rollers 
was found to stem from the contacting region, the expla-
nation might be that the pickup volume between the roll-
ers is limited for a defined operating condition and not 
noticeably affected by filling height. Further research is 
required to understand this behavior. 

Again, simulated losses are lower than the experimen-
tally determined ones. With 270 W for the OUT and 370 W 
for the IN case difference measurements, experimental 
losses are met by 72 and 63 percent in the simulations of 
the OUT and IN case respectively.

Influence of Rotational Speed
An overview of simulated losses over pinion rpm is given 
in Figure 14. Simulated losses increase with rotational 
speed. If 1,200 and 1,600 rpm results are considered, the 
simulated losses for 1,800 rpm exceed the linear extrapola-
tion between both points indicating an over-proportional 
growth of churning losses with rpm with a maximum 

Table 6—Component-wise hydraulic power losses for the IN and OUT 
case at 1,600 rpm for the lowered oil level in comparison with the 
nominal filling height.

IN power losses 
(W)

OUT power losses 
(W)

Component -10 mm - 45 mm - 10 mm - 45 mm

Tapered bearings 
DIN 720-31314 (2x)

6 ± 0.2 5 ± 0.2   6 ± 0.3 5 ± 0.2  

Cylindrical roller 
bearing D5412 NU 
2217 E

6 ± 0.3 5 ± 0.3 6 ± 0.3 5 ± 0.4

Tapered bearing 
DIN 720-32020

32 ± 5 33 ± 4 32 ± 5 32 ± 4

Tapered bearing 
DIN 720-32221

89 ± 21 78 ± 17 77 ± 19 70 ± 17

Wheel 74 ± 12 54 ± 4 67 ± 3 47 ± 1

Pinion 115 ± 20 61 ± 6 80 ± 5 37 ± 2

Pressure power 
losses 

149 ± 30 122 ± 19 135 ± 20 123 ± 17

Viscous power 
losses

173 ± 10 112 ± 3 132 ± 4 73 ± 3

Total power 
losses

322 ± 32 234 ± 19 267 ± 20 195 ± 17
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deviation of 7.5 percent. Still, for the simulated range, 
a linear trend is an acceptable simplification. If this 
trend is assumed, the linear least square regression 
yields a slope of (0.404 ± 0.006) W/rpm for the IN and 
(0.310 ± 0.032) W/rpm for the OUT direction. This 
observation is also valid for an artificial regression 
point of 0 W at 0 rpm. Therefore, simulated IN losses 
are not only larger than those in the OUT case but also 
grow 30 percent faster with rpm. 

Part of this faster growth is likely to be seen in the wet-
ting distribution and indicated surface flow direction 
Figure 15. While the wheel-induced splash pattern at the 
housing side opposing the pinion becomes more promi-
nent for the OUT direction (-10 mm, left), this effect does 
not drive more oil towards the engagement zone of the 
gears (-10 mm, right). For the IN case, more is dragged 
upwards and against the housing in proximity to the 
gear meshing zone, which is a leading factor of churning 
losses (-10 mm, right).

The individual loss contributions show a different 
growth trend. Both contributions grow in absolute value 
with rpm, but pressure losses grow faster than viscous 
losses. As described in Ref. 36, pressure losses come with 
a higher order dependency on rotational speed, which is 
observed in this case as well. 

The experimental trend is deducted from trends and 
not by measurements, thus, results with light grey crosses 
must be considered as estimates. For 1,600 rpm in both 
turning directions, load-dependent and load-independent 
losses were measured and losses with the same load but 
without any oil were deducted. The remaining difference 
accounts for hydraulic losses. As total losses followed a 
clear linear trend between 1,200 and 1,800 rpm for both 
directions, the measured delta has been scaled with rpm 
and deducted for all other operating conditions. This 
approach must yield a linear trend in hydraulic losses. 
Therefore, there is no additional value in comparing 
results for 1,200 and 1,800 rpm between simulation and 
measurement since results must be similar to the ones at 
1,600 rpm.

Figure 14—Viscous Pv (yellow) and pressure Pp (blue) simulated 
churning losses compared to experimental data (×) over rpm. OUT 
(left chart) and IN (right chart) case are shown. Bright marker 
indicate linearly extrapolated losses.

Experimental and Numerical Uncertainty 
Discussion
The difference in power losses from the filled and drained 
gearbox is considered to give hydraulic power losses. The 
results at the KRPS resulted in 610 W for the IN direction 
and 510 W for the outwards turning direction at 1,600 
rpm pinion speed filling height 10 mm below the gear 
axes. The differences between the experiment to the sim-
ulation can be clustered as follows:
• Bearing representation:

 - Pinion bearings and the cylindrical roller bearing 
on the wheel come with cages which were not 
present in the CAD data.

• Measurement techniques:
 - Tapered roller bearings must be applied with pre-

load, which results in loss contribution for both, 
load-dependent as well as load-independent 
classification.

 - The drained IN direction was investigated after the 
drained OUT direction was measured

 - Gear-load for 1 kNm to avoid gear hammering 
required a torque measurement device with high 
uncertainty for the differentially determined 
hydraulic loss range

• Active lubrication:
 - The test rig contains an active lubrication system 

injecting from above into the meshing zone and in 
between the pinion bearings. Neither is geometry 
present nor is the volume flow known.

 - This system cannot be shut down even with drained 
reservoirs.

• Oil properties:
 - Oil data was taken from the data sheet and not 

measured.
 - Oil reservoir temperature was considered as the 

overall oil temperature
For the simulation, the largest uncertainty is found to 

be the loss results in terms of particle size.
Starting with the bearings, including the cage is likely 

to increase viscous losses due to more area shearing the 
oil and squeezing in between the cage and rollers. It can 
be assumed that the cage can create an additional flow 
resistance leaving more oil in the zone between both 

Figure 15—Average wetting on housing surface for OUT (left) and 
IN (right) case over pinion rotational speed and filling height. Flow 
paths are indicated with surface glyphs.

Power Transmission Engineering FEBRUARY 2024 47



pinion bearings. The effect is further increased by consid-
ering the active lubrication between the pinion bearings. 

The assumption of oil properties could lead to changes 
in both directions. It can be assumed that this effect is 
of lower order both, oil properties of different charges 
and age as well as local temperature variation should not 
affect viscosity and density by significant factors.

Similarly, changes in pre-load with rotational speed 
or dynamic motion of the bearing may not account for 
a significant delta in the results. The large measure-
ment device uncertainty may be ignored due to long 
measurement times and the assumption of result repro-
ducibility. The order of drained measurement, on the 
other hand, can create substantial differences. After the 
drained test rig run for a few seconds at 1,600 rpm in 
the OUT case, the remaining lubrication film might have 
heated up or was even removed from the contacting sur-
faces. Higher temperatures would lead to lower viscos-
ities, thus, lower friction coefficients. However, insuf-
ficient lubrication film thickness creates the opposite 
effect of mixed friction, thus, increasing losses. Since 
the measurement was done only once, this effect cannot 
be quantified and remains uncertain.

To summarize, the expected difference between the 
experiment and simulation setup would lead to lower 
simulated losses.

On the simulation side, it was carved out that resolv-
ing the boundary layer is paramount to replicating vis-
cous-induced losses. As fluid shearing is a dominant loss 
source for this case, which mainly comes from bearings, 
inner races and the large churning shoulder of the pinion, 
these effects must be captured to achieve quantitative 
result parity with the experiments. The proposed simula-
tion method with a) particle refinement in the global sys-
tem and b) subsystem simulations in the bearings, helped 
to get closer to matching experimental values. What was 
not included in the results of this paper is the contribu-
tion of the pinion’s shaft in the subsystem. Looking at the 
subsystem contribution from the inner race of pinion bear-
ing 1 and 2, the inner races alone account in total for 63 and 
89 W for the OUT and IN subsystem cases at 1,600 rpm case. 
These results did not consider the large churning shoul-
der. For the results presented in this paper, loss results 
for the pinion were extracted from the full system only, 
thus, noticeable higher values are expected for including 
the complete pinion’s shaft including the inner races at 
higher resolution into the loss evaluation. 

Conclusion and Outlook
In conclusion, the study focused on understanding the 
hydraulic loss mechanism and origins in a bevel-geared 
gearbox, to identify areas for constructive measures to 
optimize losses and enhance overall efficiency. The SPH 
method in a cloud-native environment proved to be a valu-
able tool for industrial use, offering fast turnaround times 
and reliable results in investigating fluid patterns, deriv-
ing hydraulic power loss trends and identifying options for 
optimization for a large set of operating conditions. 

The findings revealed that churning power losses fol-
lowed expected trends and ratios based on factors such 
as filling height, rotational speed, and turning direction. 
However, due to the dominant influence of viscous power 
losses in bearings and the churning shafts, the absolute 
values were underestimated as these phenomena are not 
yet fully resolved. However, the method of particle refine-
ment in combination with bearing subsystem modelling 
proved to improve simulated results paving the way for 
further simulation advancements with more advanced 
spatial and temporal refinement techniques.

The results demonstrated the effectiveness of the SPH 
method in setting up lubrication simulations efficiently 
and generating accurate insights into loss sources and 
their physical origins. Given the complexity and inter-
dependence of flow dynamics in bevel gear pairings 
with multiple bearings, empirical formulas proved to be 
case-dependent, further highlighting the robustness and 
advantages of the SPH method. Additionally, exploiting 
the robustness of the SPH method for setting up the exact 
kinematics of the bearings’ motion makes it possible to 
avoid underestimating the effect of bearing churning 
losses with simplified motions. This study pointed out 
that not capturing the bearing motion properly can cre-
ate severe result deviations.

The study emphasized that the SPH method offers 
significant benefits for reducing product development 
cycles, with its fast pre-processing, easy setup, accurate 
assessment of oil distribution and acceptable assess-
ment of churning losses. Moreover, the method’s ability 
to account for crucial parameters like rotational speed, 
turning direction, and filling instils confidence in secure 
A-B testing qualitatively and, with some limitations, 
quantitatively. Furthermore, the versatility of the SPH 
method extends beyond lubrication simulations, encom-
passing power loss optimization as well. Leveraging the 
cloud-based environment enhances the potential of SPH, 
allowing for simultaneous investigation of various oper-
ating points without limitations imposed by local hard-
ware resources, effectively making it possible to conduct 
a study of 8 operating conditions with 32 subsystems in 
just two days. Experimental investigation would require 
similar time durations to measure, change and evaluate 
the results, not to mention the time to build and mount a 
functional prototype on the test bench.

Finally, the authors suggest applying a multi-layer and/
or wall-bounded particle refinement around bearings and 
the pinion’s shaft to get quantitative agreement and even 
higher accuracy in determining hydraulic losses of vis-
cous origin. Future work should also cover the inclusion 
of heat sources and sinks such as load-induced losses 
from bearings and gears to determine the thermal limit 
of the gearbox.
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